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COMPUTATIONAL FLUID DYNAMICS ANALYSIS OF FLOW AND COMBUSTION
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K. Abay'’, U. Colak?, L. Yiksek?3

ABSTRACT

Efficient usage of fossil fuels and reduction of CO, emissions are very important priorities for the automotive
industry. Without increasing contributions from diesel engines and newer diesel technologies, it would not be
possible to successfully meet fuel consumption and CO» emission reduction targets. Therefore, new regulations
and applications have been put into action to address exhaust gas emission problems. Some exhaust gases have
become prominent with regard to strong effects, such as NOy and soot. NOy contributes to acid rain, which has
deteriorating effects on the ozone layer. In this study, flow and combustion characteristics of a diesel engine are
investigated by using Computational Fluid Dynamics (CFD). Whole engine components are modeled and analyses
are performed for entire speed range of the engine. Calculated crank angle dependent pressure and temperature
values are used as boundary condition for reactive 3D CFD simulations. Reactive CFD simulations are performed
with 45° sector geometry for the period that both valves are closed. In reactive simulations, RNG k-g and Standard
k- € models are used to characterize turbulence flow field. A lagrangian approach is used for two-phase flow
computations to simulate the liquid fuel injection. Commercially available CFD code called Forte Reaction Design
and its sub-module Chemkin are used for three dimensional reactive simulations, moving grid generation and
problem setup. Predicted in-cylinder pressure and apparent heat release rate are validated with experimental
results. NOx and Soot formations as a result of combustion process are also investigated. Optimum level of NOy
and Soot formation obtained with 8.5% EGR usage.
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INTRODUCTION

The diesel engine is an internal combustion engine in which air is compressed to a sufficiently high
temperature to ignite injected fuel into the cylinder. However, diesel engines seem to have some negative effects
regarding emissions such as NOy, CO, and soot [1-2]. Hence, emission control regulations have been introduced
across industry sectors to avoid emissions from vehicles powered by internal combustion engines [3]. Furthermore,
the demand of diesel engines increases dramatically from day to day because of their fuel efficiency and higher
torque output. However, emissions are very high priorities for the automotive industry [4]. These emissions are
inevitable consequences of the lower swirl ratio among diesel engines [5]. When the fluid fuel entering the
combustion chamber is atomized into droplets, it vaporizes and is mixed with air, resulting a heterogeneous mixture
of fuel and air. Diesel engines are generally operated with a globally lean air-fuel ratio; however, direct injection
leads to different mixture regions, ranging from very lean through stoichiometry to very rich mixture ratios. Such
mixture stratification inevitably causes the formation of pollutant emissions, particularly soot particles and
nitrogen oxides. In addition, these emissions play a critical role in global warming and greenhouse effects. NOy
also causes acid rain and destruction of the ozone layer [6-8]. Therefore, emission control is tremendously
momentous in diesel engines [9-12].

Computational fluid dynamics has a crucial importance in determining the combustion characteristics of
diesel engines and the correlation between parameters leads to obtain better designs [13]. The CFD modeling of
the internal combustion engines’ processes has high complexity and is a challenging task, given the fact that several
processes, parameters, and operating conditions within the engine should be taken into account, such as fuel
injection, flame propagation, the ignition process, chemical kinetic reactions, exhaust emissions formation,
tendency for knocking, and control of the air-fuel ratio. Therefore, the computation of process simulations for
internal combustion engines are lengthy and require more computer memory and computing capability [14].
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In this paper, FORTE Reaction Design software, which includes Chemkin Pro-Solver, was chosen to
acquire the best solution to analyze the combustion process of a diesel engine with 6 cylinders. In diesel engine
models, researchers usually prefer a sector mesh for acquisition. A sector mesh can be used if the geometry is
symmetrical. Two different mesh sizes have been researched, with a fine mesh giving better results than a medium
mesh. The time step chosen was 1.28e-5 s during the start of injection, the duration of combustion, and the
expansion stroke to minimize time decomposition. The combustion analysis examined the period between intake
valve closing (IVC) and exhaust valve opening (EVO). In addition, there are a few spray models in FORTE. The
spray model chosen was the radius of influence collision model (ROI) from the droplet collision and coalescence
model because of its high Weber number, and catastrophic break up of fuel particles seemed to appear.

On the other hand, Chemkin was used as a chemical model to observe combustion reactions. Significantly
high number of chemical reactions occurs during combustion processes and Chemkin is one of the best software
packages to model these reactions. The Chemkin model consists 173 species to take better predictions. FORTE
only has one soot model, called the two-step soot model [15]. When NOy and soot emissions provide barriers in
the application of diesel engines, the difficulty in dealing with the problem also comes from the trade-off feature
between NOy and soot emissions. It is always very difficult to reduce both kinds of emissions simultaneously, since
factors that tend to decrease one usually increase the other. In this case, the effects of an exhaust gas recirculation
rate (EGR) are researched. EGR has been investigated regarding its effects on NOx and soot emissions as well as
for determining the proper EGR rate for optimization [16].

CFD SIMULATION

The engine used for model study was a 6-cylinder, 14 liters of total cylinder volume, turbocharged direct
injection diesel engine. FORTE with detailed combustion chemical kinetics in Chemkin used to investigate
combustion and EGR effects. The engine properties and operating conditions are listed in Table 1 and Table 2,
respectively [17].

Table 1. Engine properties

Power [kw] 91,5

Bore x Stroke [mm] 136 x 160
Compression ratio 16
Connecting rod length [mm] 304

Swirl Number

1

Valve Timing

IVC =-165°aBDC
EVO =110°bBDC

Fuel Injector Type Common rail
Injector Hole Number 8
Injector Hole Diameter [mm] 0,196
Rail Pressure[bar] 1200
Spray Angle 152°

The engine has a bore of 136 mm and a stroke of 160 mm with a cylindrical cup piston bowl, yielding a
displacement of 2.34 liters per cylinder and single swirl ration at around TDC. The engine is equipped with a non-
production, high-pressure, electronically-controlled, common-rail fuel injector. For the conditions modeled here,
an eight-hole, mini-sac injector cup (tip) was employed, having an angle of 152° (14° down-angle from the fire
deck). The eight fuel orifices are equally spaced and have nominal diameter of 0.196 mm.
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Table 2. Operating conditions

Engine speed (rpm) 1300
Temperature at Intake 385
Valve Closing, IVC (K)

Pressure at Intake
Valve Closing IVC 1,8
(bar)
Start of Injection o
(dCA) 340
Duration of Injection 10°
(dCA)
Injected fuel quantity 0.68
(mg/st) ’
EGR Rate (%) %0
Equivalence Ratio 0,50

Chemkin with 173 species was chosen as the chemistry model. In addition, the spray properties were
obtained using the radius of influence model for the droplet collision model, and the radius of influence was set at
0.2 cm. The fuel properties of nCi2Hzs (dodecane) were chosen, and the discharge coefficient was accepted as 0.7.
The boundary conditions, such as piston temperature, head temperature, and liner temperature, were set at S00K.
A sector angle of 45° was chosen, with multi-selected boundaries on which the boundary condition was applied.
A sector mesh is tremendously useful in constituting a much smaller mesh size. Different turbulence models and
mesh sizes were used in the simulation to observe their effects on the combustion outputs.

In FORTE, two mesh sizes 50,000 and 500,000 are preferred and were compared to the experimental data,
such as to pressure and heat release. Fine mesh is closer to the experimental data compared to medium mesh.
Thereafter, turbulence models such as RNG k-epsilon and Standard k-epsilon were compared and the closer
turbulence model to experimental result in terms of in cylinder pressure was chosen. The sector mesh, which is a
fine mesh size at top dead center (TDC) is shown Figure la and at bottom dead center (BDC), is illustrated in
Figure 1b. Injector location is demonstrated in Figure 2.

Turbulence kinetic energy for Standard k-epsilon turbulence model is shown below [18];
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Turbulent dissipation for Standard k-epsilon turbulence model is shown;
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p, k, &, u, 0, S;; expresses density, turbulent kinetic energy, turbulent dissipation rate, absolute velocity,
turbulence Prandtl number and average tension rate, respectively. With regard to Ceq, Cey, Co3, Ceq coefficients, the

values of them are listed Table 3 [19].
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Figure 1. Sector mesh at (a) TDC, (b) BDC.
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Figure 2. Injector location in the cylinder

Table 3. Standard k-epsilon Turbulence Model Coefficients
Cu Ok O¢ Cel CeZ Ce3 Ce4— K

0.09 1 1.22 1.44 1.92 1.44 -0.33 0.419

Furthermore, there is a difference in turbulent dissipation between Standard k-epsilon and RNG k-epsilon.
Turbulent dissipation and coefficients for RNG k-epsilon turbulence model is shown [20];

(pz—:)+ g [pu]s—<u+ ):}:]
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RNG k-epsilon turbulence model coefficients are listed in Table 4.

Table 4. RNG k-epsilon Turbulence Model Coefficients
Cp. Ok O¢ Oh Om Cel CeZ Ce3 Ce4— K E

0.085 1 1.22 0.9 0.9 1.42 1.68 1.44 -0.33 0.4 9

Rate of heat release was calculated by means of in-cylinder pressure and then compared to the
experimental results according the formulae given below.

Q9 _ v jdv 1 ydp

dCA  y-1YdcA ' y-1 dca @

Q is the total amount of heat released; dQ/dCA is the heat release per crank angle as J/dCA, V is the
cylinder instantaneous volume, p is the cylinder pressure, and v is the ratio of specific heats. The experimental

1883



Journal of Thermal Engineering, Research Article, Vol. 4, No. 2, Special Issue 7, pp. 1878-1895,
February, 2018

data was obtained by Singh et al.’s study [17] where the test engine is equipped with a non-production, high-
pressure, electronically-controlled, common-rail fuel injector.

RESULTS AND DISCUSSION

The pressure and rate of heat release values were compared with the experimental results. The differences
connected to in-cylinder pressure between fine mesh, medium mesh and experiment are illustrated in Figure 3.
Two mesh sizes were implemented to assess the accuracy of the CFD model. The difference between fine mesh
and experiment in terms of pressure values was approximately 6.66%. On the other hand, there can be seen 4%
difference between fine mesh and experimental. Therefore, CFD analysis was continued with a fine mesh. Figure
3a shows a good comparison of the results between the predicted and measured in-cylinder pressure curves.

The difference between the model and experimental curves related to rate of heat release is indicated in
Figure 3b. The effect of the pressure difference between the model and measured data on the rate of heat release
is clearly demonstrated. Although the pressure difference at the beginning of ignition between the model and
experimental curves is low, the differences in rate of heat release between the model and experimental curves are
much higher.
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Figure 3. The comparison of medium, fine mesh and experimental result for (a) cylinder pressure and (b)
Rate of heat release

The average and maximum temperature curves in the cylinder are shown in Figure 4a and 4b, respectively.
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Figure 4. Variation of (a) average and (b) maximum temperature.

Three types of injection were modeled in this study which are early, standard, and late. If the start of
injection in a diesel engine is between —30° and —12 ° CA, then it is called an early injection. If the start of injection
is between —12° and 0° CA, it is called standard injection, and if the start of injection is between 0° and 15° CA,
it is called late injection. The advantage of early injection is associated with homogeneous mixtures. This is
particularly important, since there is not enough time for diesel engines to obtain a homogenous gas and fuel
mixture [21-23].

Figure 4a shows that —7° CA is acceptable as the ignition time. The characteristic of the curve appears to
be like that of a compression ignition engine due to the early injection. Figure 5 illustrates the fuel particles and
in-cylinder temperature contour from the start of injection to the piston location at the TDC. The fuel particles’
vaporization, ignition, and combustion are clearly shown. Initially, the fuel particles’ temperature started to rise
from the beginning of the injection, and then the fuel particles started to vaporize. As a result of the fuel particles’
vaporization, gases in the cylinder and fuel vapor constitute homogenous mixture. Ultimately, as a consequence
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of the fuel and gas mixing, ignition is carried out and combustion begins. Furthermore, piston displacement to the

TDC is shown in Figure 5.

Contout - Temperabine Conlowr : Temparatre Coedour: Temperahse
Unis K Undts: K Units: K
' 1) ' 59947
-20° CA
pee 527882

455882
B1eE]

383882

3] 90882 04rE2
-16° CA

sl 936562 une

| 85D I 171082 I £39882

360461 10262 e

4556€2
' s0%e2 l 95332 -12° CA '

s2m62 878852 3ne2
e 20842 sanee2
35362 720082 4281E2

Contour : Temperature
Units: K

l 1044E3

981962

-8°CA

91%E2

85TE2

241363
-4° CA

1933€3

145383

97NE2

242583
I 0° CA

1.939E3

1.453E3

9673E2

Figure 5. Fuel particles and in cylinder temperature contours.

There are two turbulence model types in FORTE: RNG k-epsilon and standard k-epsilon. The RNG k-
epsilon is generally preferred for internal combustion engine simulations because of its better calibration than the
standard k-epsilon turbulence model. The RNG k-¢ and Standard k-¢ turbulence models are generally preferred if

the Reynolds number is high [23].

Figure 6a summarizes the difference in the pressure curves between the RNG and standard k-epsilon
turbulence models, and it can be seen that the RNG k-epsilon turbulence model is closer to the experimental
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pressure curve. Therefore, the RNG k-epsilon model was used as the turbulence model in this analysis. Figure 6b
indicates velocity distribution with respect to turbulence models.
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Figure 6. Variation of the turbulence models for (a) pressure and (b) velocity.

EGR is a method of decreasing NOy emissions by introducing exhaust gas into the combustion chamber.
NOx emerges at areas with rich oxygen and sufficiently high temperature. For this reason, EGR provides exhaust
gas species such as N, CO», and H>O to the combustion chamber to decrease the oxygen concentration [24-26].
In this case, the combustion lasts longer than before and the rate heat of release drops. Moreover, the specific heats
of exhaust gases such as CO» and H»O are higher than that of intake air [28-31]. In addition, this higher specific
heat mixture leads to lower combustion temperature, so that NOy emissions reduce dramatically due to decrease
in-cylinder temperature [31-32].

The amount of composed NO in the cylinder for the duration of combustion can be seen in Figure 7a
according to the different EGR rates. As the EGR rates increase, the composed NO amounts in the cylinder fall
significantly. After a characteristic rate, EGR method loses its’ affectivity for NO reduction. In Figure 7a, the
difference between having an EGR system and not having one was 5%. This difference decreases when EGR rates

increase, especially after the 15% EGR rate. In Figure 7a the maximum temperature difference is approximately
286K.
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A number of negative effects are connected to EGR, such as increased amount of soot and decreased
power. High temperatures result in soot particles being combusted in cylinder, so EGR leads to a significantly
increased amount of soot due to the fall of maximum temperature. Soot distribution in reference to EGR rates is

illustrated in Figure 7b.
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Figure 7. Detailed comparisons of (a) NO/maximum temperature and (b) soot with different EGR rates

Figure 8 shows the amount of soot according to different EGR rates with decreasing maximum in-cylinder

temperature.
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As the EGR rate increase the maximum in-cylinder temperatures are tend to decrease as shown in Figure
9. This is particularly important, since engine performance is directly affected by the maximum in-cylinder

temperature.
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Figure 9. In cylinder maximum temperatures with different EGR rates

Variation of the engine power can be seen in Figure 10 with respect to the EGR rate. In Figure 11, trends

in NO and soot are demonstrated with different EGR rates.
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Figure 10. Power change according to the different EGR rates

Using the correct EGR rate is particularly important in terms of engine performance, soot and NOy
emissions. As a result, the correct EGR rate for this engine is 8.5%, which is the trade-off value of NO and soot in

Figure 11.
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Figure 11. NO and Soot change with different EGR rates

The sector mesh was completed for the full combustion chamber, and its contours during the injection are
shown in Figure 12.
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Figure 12. Full Combustion chamber

In Figure 13, the injection phases and temperature of fuel particles are shown on piston bowl. Nozzles of
an injector can be seen along with the temperature distributions. Fuel particles started to vaporize as a result of
temperature rise. The distribution of fuel particles in the cylinder was homogenous during injection.
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Figure 13. Particle distribution on piston bowl during injection. (a) for vertical and (b) for horizontal.

CONCLUSION

In this paper, combustion simulation of a diesel engine was performed by using CFD. A 6-cylinder, 14-
liters of total cylinder volume, turbocharged diesel engine was simulated using FORTE Reaction Design and
Chemkin Pro Solver. The results of this engine combustion were compared to the experimental data in terms of in
cylinder pressure and heat release.

A set of simulations were performed for diesel combustion using a sector mesh. Piston and injector
geometry were modeled as eight-point reactive sector simulation during the valves are closed. Mesh, time stepping
and turbulence modeling are performed to this partial section. Two different mesh sizes were used, with application
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of the fine mesh better results are obtained compared to the medium mesh. Furthermore, RNG k-¢ turbulence and
Standard k-¢ turbulence models were used to compare the combustion results in this work, which showed that the
results of the CFD analysis using the RNG k-¢ turbulence model were closer to the experimental data than those
of the Standard k-¢ turbulence model because it is more advantageous than the standard k-¢ turbulence model in
predicting small eddies and is better calibrated. Liquid fuel evaporation and spray formation were analyzed by the
Lagrangian method. The average in-cylinder pressure values and the rate of heat released are compared with
experimental results and verified. According to the average cylinder pressure results, there is a 4% difference
between the experiment and CFD results.

In addition, the effect of the EGR percentage on the NO and soot mass ratios that were produced after
combustion was investigated. In parallel with the increase in EGR, it was observed that the temperature in the
cylinder and the amount of formed NO decreased. The resulting mass of soot has increased in reverse proportion
with NO.

The optimum EGR considering the soot and NOx was considered as 8.5%, which is the optimal value for
1300 rpm. It is seen that the results of reactive three-dimensional simulation with the whole engine model are close
to the sector results. For this reason, analyzes such as combustion and spray formation can be obtained with high
accuracy by sector simulations considering the computer processing time. By incorporating intake and exhaust
strokes, the character of the air taken into the cylinder and its effect on the fuel-air mixture can be examined.

NOMENCLATURE
E Energy

p Density

P Power

A% Volume

A Area

CFD  Computational Fluid Dynamics
EGR  Exhaust Gas Recirculation
BDC  Bottom Dead Center

TDC  Top Dead Center

dCA  Crank Angle Degree
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